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Abstract 
The subject of investigations presented in this article is achieving the optimum attenuation of lateral vibration of rotors by means of two 
design variants of constraint elements: semiactive magnetorheological squeeze film dampers and actively controlled hydrodynamic 
bearings. The damping effect of magnetorheological dampers is controlled by the change of magnetic flux generated in electric coils and 
of the hydrodynamic bearings by the change of magnitude of the proportional gain of a feedback controller exciting movement of the 
bearing housings. In the developed mathematical models the rotor is considered as absolutely rigid and the controllable constraint 
elements are represented by force couplings. The rotor turns at constant angular speed, is loaded by its weight and in addition it is excited 
by a centrifugal force caused by the disc unbalance. In both design cases its lateral vibration is governed by a nonlinear equation of 
motion. The pressure distribution in the lubricating film in the magnetorheological squeeze film damper is described by a Reynolds 
equation modified for Bingham fluid whose yield shear stress depends on magnetic induction. The hydraulic forces acting in the 
hydrodynamic bearings are determined for the case of ʌ-film cavitation and position of the bearing housings is adjusted by actuators 
activated by a proportional feedback controller. The aim of the analysis is to deal with approaches leading to minimizing amplitude of the 
rotor steady state vibration and magnitude of the force transmitted into the rotor casing and to compare efficiency of both design variants. 
The performed computer simulations show that the arrangement with the magnetorheological squeeze film damper gives better results in 
reducing magnitude of the transmitted force than those when the rotor is supported by hydrodynamic bearings with actively controlled 
position of the bearing housings. 
© 2012 The Authors. Published by Elsevier Ltd. 
Selection and/or peer-review under responsibility of the Branch Office of Slovak Metallurgical Society at Faculty of Metallurgy and 
Faculty of Mechanical Engineering, Technical University of Košice. 
Keywords: Rigid rotor, magnetorheological squeeze film damper, journal bearing, feedback control, vibration mitigation, transmitted force reduction. 
1. Introduction 
The rotor imbalance caused by assembling or manufacturing inaccuracies produces their lateral vibration and time 
varying component of the bearing forces transmitted between the rotor and its casing. These effects can be significantly 
reduced if active or semiactive damping elements are inserted between the shaft and stationary part of the rotating machine. 
Promising characteristics of electrorheological (ER) and magnetorheological (MR) fluids in conjunction with 
conventional squeeze film dampers provide a possibility to design a semiactive damping element. Both theoretical analyses 
and experimental results show that the ER dampers are effective in suppression of the rotor system vibration in a wide range 
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of rotational speeds [1-2]. However, they require application of high voltage and in comparison with higher yield strength of 
MR fluids the ER dampers are capable to generate smaller damping forces [3-4]. 
At present time the MR dampers are a subject of intensive experimental and theoretical research. Wang et al. [5] studied 
the unbalance response of a rigid rotor supported by one MR squeeze film damper by means of experiments. The study was 
aimed at analysis of dynamical properties of the investigated rotor and of the control method. In [6], Wang et al. introduced 
a mathematical model of a long squeeze film MR damper based on the Reynolds equation adapted for Bingham material 
and presented the formulas describing the velocity profiles, the pressure distribution in the lubricating layer and the damping 
force. The authors analysed mechanical properties of the oil film and determined the unbalance response characteristics of a 
rigid rotor. Additional theoretical and experimental investigations concerning long MR dampers have been carried out by 
Forte et al. [7-8]. Carmignani at al. [9-10] reported results of experiments performed with a squeeze film MR damper on a 
small test rotor rig. A comprehensive design guideline, an innovative experimental identification with the active magnetic 
bearings and modelling technique for controllable semiactive MR squeeze film damper were presented by Kim et al. [11]. 
ZapomČl and Ferfecki [12-13] developed mathematical models of short and long squeeze film MR dampers utilizing 
Bingham fluid to represent the magnetorheological oil and derived the relations for the pressure distribution in the 
lubricating film. The authors calculated components of the MR hydraulic force and determined position of the core in the 
damper gap. The developed model of a short squeeze film MR damper was applied for computational simulations of a 
transient response of a rigid rotor passing critical speeds [14]. 
A common disadvantage of ER or MR devices is aging of the fluid and some difficulties with compensation of the 
thermal effects. In cases, when usage of semiactive damping devices is not sufficient, application of active damping 
elements is needed. 
In recent years, the active vibration control of rotors supported by journal bearings based on piezoelectric bearing 
pushers, active magnetic bearings [15] and shape memory alloys [16] has been studied. It was proved that these design 
concepts contributed to preventing the self-excited oscillation of rotors induced by hydrodynamic bearings as reported e.g. 
by Ferfecki et al. [17] or TĤma et al. [18]. Przybylowicz [19] studied the rotor supported by hydrodynamic bearings whose 
bearing shells were set into sliding motion by piezoelectric elements with the aim to reduce excessive vibration of the rotor 
journal. Another concept of application of piezoelectric elements is described in [20-21]. A piezoelectric ring made of a lead 
zirconate titanate material is placed between the bearing shell and the bearing housing. Application of electric field on the 
piezoelectric ring changes the size of the bearing radial clearance and thus modifies dynamic properties of the rotor system. 
Carmignani et al. [22] performed a theoretical and experimental research of a rotor mounted on a moveable housing of a 
hydrodynamic bearing activated by two controlled piezoelectric actuators. 
In this paper there is investigated the steady state vibration of a rigid rotor, which is mounted with the stationary part by  
controlled constraint elements, rolling element bearings with MR squeeze film dampers in the first design variant and by 
journal bearings with movable bearing housings in the second design variant. The damping effect of magnetorheological 
dampers is controlled by the change of magnetic flux passing through the layer of MR liquid. Parameters of the 
hydrodynamic bearings are adapted by moving their bearing housings to achieve the desired position of the rotor journal 
centre. For this purpose a feedback controller is applied. In both cases a computational modelling method is used for the 
investigations. The rotor is loaded by unbalance forces and by its weight. The goal of the analysis is to minimize amplitude 
of the steady state vibration and magnitude of the force transmitted into the rotor casing and to compare efficiency and 
possibilities of both design variants. Such study has not been published yet and therefore it represents a new contribution to 
investigating behaviour of rotors damped by controlled coupling elements. 
2. The rotor systems equipped with controlled elements
The studied rotor (Fig. 1a) consists of a shaft and of one disc. The rotor is mounted with the stationary part either by 
rolling element bearings and MR squeeze film dampers (design variant 1) or by journal bearings with controlled position of 
the bearing shells (design variant 2). 
Fig. 1. The investigated rotor system (a) and scheme of the MR damper (b). 
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The MR squeeze film damper consists of two rings between which there is a thin film of MR liquid (Fig. 1b). The inner 
ring is coupled with the rotor casing by a squirrel spring and with the shaft journal by a rolling element bearing. The outer 
damper's ring is directly fixed to the bearing housing. The damping force is produced by squeezing the lubricating layer due 
to the rotor journal vibration in the radial direction. Its magnitude can be controlled by changing electric current in the 
damper's coils generating magnetic flux passing through the layer of MR fluid. 
The development of the mathematical model of the MR damper originates from assumptions of the classical theory of 
lubrication but with the modification that the MR oil is represented by Bingham material. Furthermore, it is assumed that 
the geometry and design parameters of the investigated MR dampers make it possible to consider them as short [12]. Then 
the pressure distribution pMR in the lubricating layer is governed by the adapted Reynold's equations 
04)4(3 32233 =−′−+′ yMRMRByMRMRMR pZhhph τητ       for     0<′MRp , (1) 
04)4(3 32233 =+′+−′ yMRMRByMRMRMR pZhhph τητ       for     0>′MRp , (2) 
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Z is the axial coordinate, MRp′  is the pressure gradient in the MR lubricant in the axial direction, hMR denotes the thickness 
of the MR oil film, ηB is the Bingham viscosity, Ĳy is the yield shear stress and (Â) denotes the first derivative with respect to 
time. 
The yield shear stress of MR oils depends on magnetic induction. In the simplest design case [14] when the inner and 
outer rings of the damper can be considered as a divided core of an electromagnet its dependence on electric current and on 
the thickness of the lubricating film can be expressed by the following relationship 
,
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N is the number of the coil turns, I is the electric current and kB, nB are the liquid material constants. 
The pressure profile pMR in the axial direction is calculated by integration of the pressure gradient obtained from solving 
equations (1-2) with the boundary condition expressing that the pressure at the damper's ends is equal to the pressure in the 
ambient space. The pressure gradient must be a real number, negative or positive as required by equations (1-2) and it must 
satisfy the following relation 
MR
y
MR h
p
τ2
>′ . (5) 
Fig. 2. The coordinate systems of the MR damper respectively journal bearing. 
In the area where the pressure drops to a critical level a cavitation takes place. It occurs at location where thickness of the 
lubricating film rises with time [14] because there the oil is sucked into the damper’s gap from the ambient space. 
Coordinates of the angular extent of the cavitated region ĳCAV1, ĳCAV2 can be then calculated from solving the algebraic 
equation 
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eH is the rotor journal eccentricity and Ȗ is the position angle of the line of centers (Fig. 2). 
It is assumed that pressure in the cavitated area remains constant and equal to the pressure in the ambient space pA. The 
pressure distribution in the lubricating layer pMRd is then governed by the following relations 
MRMRd pp =  for AMR pp ≥ , (7) 
AMRd pp =  for AMR pp < . (8) 
Components of the damping force are calculated by integration of the pressure distribution pMRd around the 
circumference and along the length of the damper 
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FDy, FDz are the horizontal (y) and vertical (z) components of the damping force respectively, LD is the length of the damper, 
RD is the middle radius of the damper's clearance and ĳ is the circumferential coordinate (Fig. 2). 
The journal bearings exhibit high loading capacity and therefore they are often used as constraint elements in rotating 
machines. Their disadvantage is that after exceeding a critical value of angular velocity of the rotor rotation the hydraulic 
forces acting in the oil film induce the system self-excited vibrations of large amplitude. However, the angular velocity at 
which the self-excited vibration starts, amplitude of the rotor oscillations and the forces transmitted through the bearings in 
the stationary part can be reduced if active control of the bearing housings position is applied [17-18]. The forces activating 
the bearing housings can be produced by means of piezoelectric actuators. 
In the mathematical model the journal bearings are assumed to be short. Taking into account the boundary conditions 
expressing that the pressure at the bearings ends is equal to the pressure in the ambient space, the pressure distribution pB in 
the oil film determined from solving the Reynolds equation can be expressed in a closed form [23] 
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LB is the length of the bearing, hB denotes the thickness of the oil film, pA is the pressure in the ambient space, pB is the 
pressure distribution in the oil layer, t is the time, η is the oil dynamical viscosity and Ȧ is angular speed of the rotor 
rotation. 
Assuming that the cavitation in the bearings occurs in the area where the oil film thickness rises with increasing 
magnitude of the circumferential coordinate (the ʌ-film cavitation), the horizontal (y) FBy and vertical (z) FBz components of 
the bearing force are given by the integrals 
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where RB is the rotor journal radius. 
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3. Vibration analyses of the investigated rotor systems 
To attenuate the rotor vibration and to reduce the forces transmitted into the rotor casing, the controllable constraint 
elements are inserted between the shaft and the stationary part. The rotor turns at constant angular speed, is loaded by its 
weight and is excited by the disc unbalance. The system is symmetric relative to the disc middle plane perpendicular to the 
shaft centreline. In the computational model it is assumed that the rotor and the stationary part are absolutely rigid bodies. 
In first design variant the rolling element bearings with MR squeeze film dampers are used to support the rotor. The 
squirrel springs are linearly flexible and pre-bent to eliminate their deflection caused by the rotor weight. The lateral 
vibration of the rotor is then described by a set of two nonlinear equations of motion 
)cos(),,,(22 2 oTRDySER temzyzyFykybym ψωω ++=++  , (14) 
gmtemFzyzyFzkzbzm RoTRPSDzSER −+++=++ )sin(),,,(22 2 ψωω , (15) 
gmF RPS  = . (16) 
mR is the rotor mass, bE is the coefficient of external damping, kS is the squirrel spring stiffness, eT is eccentricity of the 
rotor unbalance, y, z are displacements of the rotor centre, g is the gravity acceleration, FPS is the prestress force, ȥo is the 
phase shift of the centrifugal force and (..) denotes the second derivative with respect to time. 
Because of pre-stressing the squirrel springs, the steady state orbit of the rotor centre will be circular and then solution of 
the equations of motions (14-15) can be performed by application of a collocation method [14]. 
In the second design variant the rotor is coupled with the stationary part by hydrodynamic bearings. The bearing 
housings are flexibly mounted with the stationary part and their position is actively controlled by a proportional feedback 
controller. Taking into account the system symmetry, lateral vibration of the rotor system is described by a set of four 
equations of motion 
)cos(),,,(2 2 oTRBBBBByER temzzyyzzyyFybym ψωω ++−−−−=+  , (17) 
gmtemzzyyzzyyFzbzm RoTRBBBBBzER −++−−−−=+ )sin(),,,(2 2 ψωω , (18) 
CyBBBBByBBBBBB FzzyyzzyyFykybym +−−−−−=++ ),,,(2  , (19) 
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where 
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mB is the bearing housing mass, bB, kB are the damping coefficient and stiffness of the bearing housing support, kP is the 
proportional gain, yB, zB are displacements of the bearing housings, yW, zW are setpoint displacements of the bearing housing 
centres and FCy, FCz are components of the control force. 
The forces by which the controller acts on the bearing housings depend on the horizontal and vertical displacements of 
the rotor centre. The goal of the control process is to reach zero displacements (yw = 0 and zw = 0) of the rotor journal centres 
relative to the rotor stationary part. 
The steady state response of the rotor supported by journal bearings was determined by a direct integration of the motion 
equations (17-20). For this purpose the Runge-Kutta method of the 4th order with Dormand-Prince procedure enabling 
adaptive size of the integration step was applied. 
4. Results of the computational simulations 
The task of the simulations was to analyse steady state vibration of a rigid rotor focusing on amplitude of its oscillations 
and on magnitude of the force transmitted to the stationary part for two design variants of controllable support elements 
(MR squeeze film dampers and journal bearings with moveable bearing housings). 
The geometrical and design parameters of the studied rotor systems are: the mass of the rotor 130 kg, the coefficient of 
external damping 10 kg s-1, the phase shift of the rotor unbalance 0 rad, eccentricity of the rotor centre of gravity 35 ȝm, 
stiffness of each squirrel spring 2.0×106 N m-1, diameter, length and width of the gap of the damper 100 mm, 20 mm, 
1.0 mm, Bingham viscosity 0.3 Pa s, the number of the coil turns 400, the yield stress material coefficients of the 
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magnetorheological liquid kB = 2.5×10-8 N A-2 and nB = 2, the mass of the bearing housings 20 kg, the damping coefficient 
and stiffness of the bearing housings support 10 kg s-1 and 2.0×106 N m-1, diameter, length and width of the gap of the 
journal bearing 60 mm, 20 mm, 0.1 mm and the oil dynamical viscosity 0.008 Pa s in the hydrodynamic bearings. 
Values of the critical speeds of 131 rad.s-1, 141 rad.s-1 and 952 rad.s-1 of the rotor supported by hydrodynamic bearings 
were obtained from the Campbell diagram (Fig. 3a). The speed interval (458-459) rad.s-1 in which the self-excited 
oscillation starts was determined by means of computational simulations using direct integration of the equations of motion 
(Fig. 3b). The simulations also show that the position control of the bearing housings increases speed of the rotor rotation at 
which the self-excited vibration sets on by 50 rad.s-1. As evident from Fig. 3c., if the self-excited vibration occurs, the 
control process slightly increases the total force (consisting of components: forces transmitted through the bearing housing 
support and the control force) transmitted to the stationary part in comparison with the uncontrolled one. 
Fig. 3. Campbell diagram (a), the rotor journal orbits (b) and the time history of the horizontal component of the transmitted force (c). 
Fig. 4. The rotor centre orbits (a) and the time history of the horizontal component of the transmitted force for the MR damper (b). 
For the case when the rotor turns at angular speed of 350 rad.s-1, the steady state trajectories of the rotor damped by MR 
dampers for four magnitudes of applied current (0 A, 1.5 A, 2.5 A, 3 A) are displayed in Fig. 4a. Because of pre-stressing the 
squirrel springs, the orbits are circular with zero displacements of their centres. Fig. 4a shows that rising magnitude of the 
current leads to higher damping effect and thus to smaller size of the rotor centre orbit. However, the increased damping 
also arrives at higher total forces (consisting of components: forces transmitted through the squirrel spring and damping 
force transmitted through the layer of the magnetorheological oil) transmitted to the rotor casing (Fig. 4b). 
Time histories of the forces transmitted to the stationary part of the rotor damped by the MR damper and by controlled 
movement of the bearing housings and corresponding orbits are plotted in figures 5 and 6. Magnitude of the current in the 
MR damper has been chosen so that the horizontal size of the orbits of the rotor with MR dampers and with the controlled 
bearing housings movement are the same (Fig. 5c, Fig. 6c). The orbit of the rotor supported by the journal bearings is 
shifted in the vertical direction, which is caused by the rotor weight. The figure also shows the phase shift between the 
horizontal and vertical components of the total force transmitted to the rotor casing. Values of the peak-to-peak horizontal 
amplitude of the rotor vibration, the peak-to-peak magnitude of the transmitted force and corresponding magnitudes of the 
electric current referred to three investigated speeds of the rotor rotation are summarized in Table 1. It is evident that the 
(a) (b) 
(b) (c) (a) 
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magnetorheological dampers enable to reduce the forces transmitted from the rotor into the stationary part by more than 
136 %, 12.8 % and 11.5 % comparing to the case when the rotor is supported by the controlled journal bearings. 
Fig. 5. The time history of the transmitted force for the MR damper (a), the controlled bearing shell (b) and the rotor centre orbits (c) for 250 rad.s-1. 
Fig. 6. The time history of the transmitted force for the MR damper (a), the controlled bearing shell (b) and the rotor centre orbits (c) for 450 rad.s-1. 
             Table 1. Displacements and transmitted forces to the casing for coupling elements. 
Rotational
speed 
[rad.s-1] 
Peak-to-peak  
horizontal amplitude 
of the rotor 
vibration 
[µm] 
Current 
[A] 
Peak-to-peak  
transmitted force 
in the arrangement 
with the MR damper 
[kN] 
Peak-to-peak 
transmitted force 
in the arrangement 
with the controlled 
journal bearing 
[kN] 
250 9.17 1.973 0.161 0.380 
350 10.3 2.751 0.312 0.352 
450 38.1 2.750 0.314 0.350 
5. Conclusions 
The performed analysis shows that achieving the optimum vibration attenuation and reduction of the force transmitted 
from the rotor to the stationary part depends on amount of damping produced in the constraint elements (MR squeeze film 
dampers or actively controlled hydrodynamic bearings). The carried out simulations prove that both investigated damping 
techniques enable to reduce amplitude of the vibration and that from the point of view of the forces transmitted to the rotor 
casing the design arrangement based on application of MR squeeze film dampers is preferable. Advantage of MR dampers 
is that they always produce some amount of damping and that they make it possible to achieve the optimum performance of 
the rotor system by means of adapting the damping effect to the current operating conditions. 
(a) (b) 
(b) (a) (c) 
(c) 
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However, it was also shown that controlling the bearing housings positions by means of a feedback controller enabled to 
decrease amplitude of the rotor steady state vibration and to increase the angular speed at which the self-excited vibration 
started. 
The performed study comparing suppression of the rotor vibration and magnitude of the force transmitted into the 
stationary part by different techniques has not been published yet, so that it represents a new contribution to investigating 
behaviour of rotors damped by controlled constraint elements and brings new material for their optimum design. 
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